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INTRODUCTION 
The energy crisis due to fossil fuel depletion, its resulting fluctuation of prices and the increasingly demanding 

regulations against emissions have encouraged research on alternative fuels. The first bio-fuel studied was biodiesel, but 
the production of biodiesel is expensive compared to other emerging options like straight vegetable oil (SVO). Several 
researchers have focused on different biodiesel properties and their behaviour during combustion in a diesel engine [1-
7]. Flow conditions inside the cylinder of an internal combustion engine are mainly generated by air input through the 
valves during the intake stroke and later by the compression stroke. In the intake system, pressure waves move back and 
forth from the cylinder to the inlet. If the waves are in phase, they are reinforced while if the waves are out of phase, they 
are cancelled. The magnitudes of the variables that define the flow within the cylinder can be obtained experimentally or 
by means of numerical simulation. The movement of air inside the cylinder is an important factor in the combustion of a 
diesel engine since it contributes to the quality of the fuel-air mixture and the formation of soot and particulate material 
in the combustion as well. 

The parameters of intake and compression strokes allow the quantification of various fluid-dynamic phenomena 
during engine operation, such as the instantaneous discharge coefficient CDi, which is the ratio between the actual flow 
of air through the intake valve (ṁ) and the ideal flow obtained for an isentropic expansion through the same passage area 
[8]. The flow within the cylinder is generally characterised by movements known as Swirl and Tumble. Swirl represents 
the rotary movement of the gas around the z-axis of the cylinder, contributing to the improvement of the fuel-air mixture; 
such movement is quantified by the Swirl ratio (𝑅𝑅𝑠𝑠), given by Eq. (1), [9], [10].  

 

𝑅𝑅𝑠𝑠 =
Ω𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓
Ω𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐

 (1) 

 
where, Ω𝑓𝑓𝑓𝑓𝑓𝑓𝑓𝑓 is the flow rotation speed and Ω𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐𝑐 is the crank rotation speed, both expressed in rad/s. Likewise, at 

the end of the compression stroke, when the piston approaches the top dead center (TDC), there is a radial movement 
called Squish within the cylinder, which in turn generates a secondary rotational flow around the x or y-axes (Tumble). 
A similar equation defines the Tumble ratio as the division of the rotation speed of the flow around the x-axis or y-axis 
over the rotation speed of the crank. 

In the literature, the flow in the intake manifold of a diesel engine has been analysed experimentally and numerically 
by authors in [11], who concluded that acoustic characteristics influence the engine torque and that the dynamic behaviour 
of the intake manifold is related to the propagation of pressure waves in the manifold. Furthermore, Malkhede and 
Khalane [12] showed that higher speeds in the intake manifold increase the pressure oscillation amplitude, which 
enhances volumetric efficiency as long as the closing movement of the valve is synchronised with the pressure oscillation. 

ABSTRACT – A numerical simulation of the intake and compression stroke and fuel spray and 
combustion in a direct injection compression ignition engine was performed using the Converge 
CFD software. For this purpose, the Reynolds Average Navier-Stokes (RANS) k-e RNG model and 
an n-dodecane kinetic mechanism were used in order to obtain the flow fields in the cylinder and 
to perform the breakup time analysis of the Kelvin-Helmholtz model in the variables related to the 
spray and combustion. The turbulent flow inside the cylinder was analysed, obtaining consistent 
results with experimental pressure data and other research authors. The droplet breakup time is 
evaluated as a function of the breakup time constant (B1), the initial droplet radius (ro), the 
wavelength (Λ𝐾𝐾𝐾𝐾) and the maximum growth rate (Ω𝐾𝐾𝐾𝐾). The results indicate that the numerical 
method and the models used in this work are adequate to perform subsequent representative 
combustion analyses with values of B1=7.  It was possible to show that the formation of the species 
OH is greater for low values of B1. Also, higher values of the breakup time, variables such as 
temperature, pressure, fuel evaporation, ignition delay, and species formation are affected. 
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On the other hand, Nguyen et al. [13] obtained numerical results of the pressure inside the manifold and provided the 
corresponding validation with experimental data. 

As far as the flow inside the cylinder is concerned, Subramanian et al. [14], Perini et al. [15], and Rathore et al. [16], 
numerically simulated the effect of pistons of different shapes on the movement and flow turbulence inside the cylinder 
in a diesel engine, using Fluent, with Reynolds Average Navier-Stokes (RANS) k-e and k-e RNG turbulence models. 
Concluding that the piston, with a cup configuration, generates a high swirl at the end of the compression stroke, hence 
high volumetric efficiency. According to these studies, the discharge coefficient increases with the elevation of the valve 
and that there is a recirculation of air on the opposite side of the intake valve, due to the interaction of the flow with the 
cylinder wall. These numerical results were validated with experimental results. 

In the admission and compression strokes, for a direct injection engine, Maurya and Mishra [17] simulated the air-
fluid dynamics with STAR-CD software, applying the k-e RNG model, the respective results obtained for the Swirl ratio, 
radial velocity and turbulent intensity inside the cylinder, were validated with experimental data acquired through laser 
doppler velocimetry (LDV). Similarly, Gold et al.  [18] simulated a direct injection diesel engine, applying the k-e and k-
w SST turbulence models, observed squish enhancement in compression due to engine geometry and fluid rotation due 
to helical intake manifold (Swirl). Finally, Payri et al. [19] simulated the intake and compression strokes in a direct 
injection diesel engine with different combustion chambers, validating their results with LDV for different piston shapes, 
finding that cup-shaped piston favours the generation of swirl at the end of the compression stroke. 

In a diesel engine, the formation, droplets breakup and evaporation determine combustion rate and ignition delay. 
Therefore, the simulation of fuel droplet breakup and fuel spray evaporation leads to the understanding of the influence 
of the spray-on combustion efficiency and pollutant emission. With a detailed characterisation of fuel evaporation and 
combustion, it is possible to optimise the injection system and the geometry of the combustion chamber. Kong et al. [20] 
performed numerical simulation and experimental validation of turbulent flow inside an engine, integrated with spray 
breakup, ignition and droplet interaction models. They showed that droplet breakup time is related to the initial 
disturbance level in the breakup process. Furthermore, experimentally, Yao et al. [21] performed spray combustion tests 
using n-dodecane, evaluating the influence of injection temperature on spray penetration and ignition delay. n-dodecane 
is commonly used as a fuel surrogate for simulation of combustion in diesel engines due to similar characteristics to diesel 
oil [22]. Besides, the numerical simulation of spray combustion of n-dodecane using Large-eddy simulation (LES) was 
done by Wehrfritz et al. [23] with a detailed kinetics mechanism in OpemFOAM, identifying two ignition states, one in 
the lean mixture and the other in the rich mixture. 

For the analysis of the influence of the swirl ratio on mixture formation, Tulwin et al.[24] simulated the combustion 
in a Diesel engine using the VECTIS software with k-e RNG turbulence model and KH-RT breakup model. They 
observed that the highest pressure was obtained with a swirl ratio of 1.5, which contributed to a better mixture formation. 
Likewise, Zhou et al. [25] simulated spray combustion of four diesel surrogates, including n-dodecane, using LES in 
KIVA3v software and the KH-RT model for droplet breakup. They found that ignition delay and flame lift-off length are 
dependent on the variables of the model. Yousefifard et al. [26] compared experimental results against spray and 
combustion simulation. In their simulation, 20 is the most appropriate value of the breakup time constant (𝐵𝐵1) for the 
Kelvin-Helmholtz-Rayleigh-Taylor (KH-RT) model. Similarly, the breakup time for this model was analysed by Gao et 
al. [27]. They conclude that the breakup time decreases with the pressure in the combustion chamber, affecting the droplet 
size. Another analysis of the breakup time in the KH-RT model was performed by Srivastava and Jaberi [28], resulting 
in an increase of the liquid spray length as the breakup time increases. Finally, Kim et al. [29] analysed the dependence 
of the spray characteristics on the physical-chemical properties of the fuel, using a computational fluid dynamic (CFD) 
model with n-dodecane and KH-RT droplet-breakup model. They showed that the physical-chemical properties of the 
fuel affect spray penetration and ignition delay. 

SVO and its derivatives might be directly used in the ignition by compression engines with a significant cost reduction 
and mitigation of the impact of life cycles associated with fuel usage and processing. Nevertheless, the design of current 
engines poses operation limitations with these alternative fuels. Thus, it is required to study engine operation with SVO 
since diesel fuel and SVO does not share the same thermo-physical and thermochemical properties [30]. In recent years, 
the growing interest in SVO usage in diesel motors has led to studies on evaporation and droplets formation of this type 
of fuel, as well as other processes [31], [32]. Unfortunately, there are few documented works on SVO spray combustion 
simulation in diesel engines. As a first step in pursuing the aforementioned simulation, it is necessary for a numerical 
model capable of reliable results. This work aims to identify the appropriate simulation model and its corresponding sub-
models with a focus on the turbulent interaction and droplet breakup. 

The numerical simulation of the intake, exhaust and evaporation of the fuel spray in a compression-ignition engine, 
operating with diesel fuel, was carried out using Converge CFD software and considering turbulent and compressible 
flow with RANS equations and k-e RNG turbulence model. For the combustion simulation, an n-dodecane kinetic 
mechanism (𝐶𝐶12𝐻𝐻26) was used in a single-cylinder direct-injection engine at 1800 rpm, considering all the 
phenomenology of a three-dimensional flow. Subsequently, spray and combustion were simulated to analyse the influence 
of the breakup time of the KH-RT model on the breakup and evaporation of the fuel droplets. The fuel spray parameters 
such as droplet diameter, ignition delay, heat release rate and chemical species formation were used. The average values 
of the flow variables, the field of flow variables, and the spray were obtained from the simulation. The model was then 
validated with experimental pressure data in the engine and with results obtained by other researchers in numerical 
simulations. 
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THEORETICAL BACKGROUND 
The numerical simulation of fuel flow and spray in an internal combustion engine is supported by a set of differential 

and parametric equations that must be solved with input parameters, initial conditions and boundary conditions. 

Turbulent Flow 
To obtain speed, temperature and pressure fields in a compressible flow, it is necessary to solve the equations of 

conservation of mass, conservation of momentum (Navier-Stokes Equations), energy conservation, and gases in the 
following equation [33].  

 
𝑝𝑝
ρ = 𝑍𝑍

𝑅𝑅
𝑊𝑊𝑇𝑇 (2) 

 
where, p is the pressure, ρ is the density, Z is the compressibility factor (1.0 for the ideal gas), R is the gas constant, 

W is the molecular weight, and T is the temperature. 
The methods for numerically solving the Navier-Stokes equations to describe turbulent flow, commonly used today, 

are: Direct Numerical Simulation (DNS), Large Eddy Simulation (LES), and Reynolds Averaged Navier-Stokes (RANS). 
The RANS modelling for compressible flow is based on the decomposition of the Navier-Stokes equations, substituting 
in them an instantaneous velocity. This can be calculated from the sum of the average velocity and the fluctuation of the 
velocity, [34] or by using Favre averaging, which expresses that any flow property is the sum of an average quantity and 
its fluctuation, weighted by the mass, e.g. the instantaneous velocity 𝑢𝑢𝑖𝑖 in Eq.(3), can be written as the sum of an average 
value 𝑢𝑢𝚤𝚤�  and a fluctuation 𝑢𝑢𝑖𝑖′′ [35], [36].  

 
𝑢𝑢𝑖𝑖 = 𝑢𝑢𝚤𝚤� + 𝑢𝑢𝑖𝑖′′ (3) 

 
Equations (4), (5) and (6) correspond to the conservation of mass, amount of motion and energy, in terms of the Favre 

averaging, respectively. [9]:  
 

∂ρ
∂𝑡𝑡 +

∂ρ𝑢𝑢𝚤𝚤�
∂𝑥𝑥𝑖𝑖

= 0 (4) 

  
∂ρ𝑢𝑢𝚤𝚤�
∂𝑡𝑡 +

∂ρ𝑢𝑢𝚤𝚤�𝑢𝑢𝚥𝚥�
∂𝑥𝑥𝑗𝑗

= −
∂𝑝𝑝�
∂𝑥𝑥𝑖𝑖

+
∂
∂𝑥𝑥𝑗𝑗

�−ρ𝑢𝑢𝚤𝚤′′𝑢𝑢𝚥𝚥′′� � +
∂
∂𝑥𝑥𝑗𝑗

�μ �
∂𝑢𝑢𝚤𝚤�
∂𝑥𝑥𝑗𝑗

+
∂𝑢𝑢𝚥𝚥�
∂𝑥𝑥𝑖𝑖

� −
2
3 μ

∂𝑢𝑢𝑐𝑐�
∂𝑥𝑥𝑐𝑐

δ𝑖𝑖𝑗𝑗� (5) 

  
∂ρ�̃�𝑒
∂𝑡𝑡 +

∂𝑢𝑢𝚥𝚥�ρ�̃�𝑒
∂𝑥𝑥𝑗𝑗

= −𝑝𝑝
∂𝑢𝑢𝚥𝚥�
∂𝑥𝑥𝑗𝑗

+
∂
∂𝑥𝑥𝑗𝑗

�𝐾𝐾
∂𝑇𝑇�
∂𝑥𝑥𝑗𝑗

� + σ𝑖𝑖𝑗𝑗
∂𝑢𝑢𝚤𝚤�
∂𝑥𝑥𝑗𝑗

+
∂
∂𝑥𝑥𝑗𝑗

�ρ𝐷𝐷�ℎ𝑚𝑚�
∂𝑌𝑌𝑚𝑚
∂𝑥𝑥𝑗𝑗𝑚𝑚

� + 𝑆𝑆  (6) 

 
where, 𝑌𝑌𝑚𝑚 is the mass fraction of species m, D is the mass diffusivity, K is the thermal conductivity, e is the specific 

internal energy, ℎ𝑚𝑚 is the enthalpy of species m, S is the source term and σ𝑖𝑖𝑗𝑗  is the stress tensor. From the above equations, 
an additional term called Reynolds’ Tensor is obtained (𝑅𝑅𝑖𝑖𝑗𝑗 = −ρ𝑢𝑢𝚤𝚤′′𝑢𝑢𝚥𝚥′′� ); composed of six scalar unknowns, generating a 
problem to close the system of equations. 

RANS equations can be solved in two ways; with transport equation models for each of the 𝑅𝑅𝑖𝑖𝑗𝑗 term (Reynolds Stress 
Models - RSM), or by using turbulent viscosity models, based on the Boussinesq hypothesis to express Reynold´s tensor; 
which in terms of Favre averaging, given by Eq. (7).  

 

𝑅𝑅𝑖𝑖𝑗𝑗μ𝑡𝑡 = �
∂𝑢𝑢𝚤𝚤�
∂𝑥𝑥𝑗𝑗

+
∂𝑢𝑢𝚥𝚥�
∂𝑥𝑥𝑖𝑖

� −
2
3 δ𝑖𝑖𝑗𝑗 �ρ𝑘𝑘 + μ𝑡𝑡

∂𝑢𝑢𝚤𝚤�
∂𝑥𝑥𝑖𝑖

� (7) 

 
where, μ𝑡𝑡 is the turbulent viscosity. To represent the turbulent viscosity (μ𝑡𝑡), different turbulence models are 

considered, such as the k-e model, the k-e RNG model, the k-w model, among others. In this work, the k-e RNG model 
was used because it offers better results in the simulation of combustion processes, [14]–[16], where the turbulent 
viscosity is obtained from Eq. (8), [35]. 

 

μ𝑡𝑡 = 𝐶𝐶μρ
𝑘𝑘2

ε  (8) 

 
here, 𝐶𝐶μ is turbulence constant of the model, k is the turbulent kinetic energy obtained from Eq.(9), and ε is the rate 

of dissipation of turbulent kinetic energy, calculated from Eq. (10).  
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∂ρ𝑘𝑘
∂𝑡𝑡 +

∂ρ𝑢𝑢𝚥𝚥�𝑘𝑘
∂𝑥𝑥𝑗𝑗

= 𝑅𝑅𝑖𝑖𝑗𝑗
∂𝑢𝑢𝚤𝚤�
∂𝑥𝑥𝑗𝑗

− ρε +
∂
∂𝑥𝑥𝑗𝑗

��μ +
μ𝑡𝑡
𝑃𝑃𝑟𝑟𝑐𝑐

�
∂𝑘𝑘
∂𝑥𝑥𝑗𝑗

� + 𝑆𝑆𝑐𝑐 (9) 

  
∂ρε
∂𝑡𝑡 +

∂ρ𝑢𝑢𝚥𝚥� ε
∂𝑥𝑥𝑗𝑗

=
∂
∂𝑥𝑥𝑗𝑗

�
μ𝑡𝑡
𝑃𝑃𝑟𝑟ε

∂ε
∂𝑥𝑥𝑗𝑗

� + 𝐶𝐶ε3ρε
∂𝑢𝑢𝚤𝚤�
∂𝑥𝑥𝑖𝑖

+ �𝐶𝐶ε1
∂𝑢𝑢𝚤𝚤�
∂𝑥𝑥𝑗𝑗

𝑅𝑅𝑖𝑖𝑗𝑗 − 𝐶𝐶ε2ρε + 𝑐𝑐𝑐𝑐𝑆𝑆𝑐𝑐�
ε
𝑘𝑘 + 𝑆𝑆 − ρ𝑅𝑅 (10) 

 
where, 𝑃𝑃𝑟𝑟𝑐𝑐  and 𝑃𝑃𝑟𝑟ε are Prandtl’s numbers for turbulent flow, 𝐶𝐶ε1, 𝐶𝐶ε2, 𝐶𝐶ε3 are model coefficients, 𝑆𝑆𝑐𝑐 is the source term 

representing the iterations with the discrete phase (spray), S is a source term provided by the user. 

Spray Breakup and Drop Vaporisation 
The injected fuel into the cylinder disintegrates along its jet axis and evaporates to generate the fuel-air mixture [37]. 

The turbulent and rotational movement of the gas inside the cylinder is a factor that greatly influences the jet of injected 
fuel and the formation of the spray. These phenomena in the fluid affect the penetration of the fuel spray since it depends 
on two opposing forces, which are the initial kinetic energy of the jet and the aerodynamic resistance of the gases [8], 
[37]. In droplet breakup, the Blob injection model for the primary breakup considers that drops are initially injected with 
a diameter equal to the diameter of the injector nozzle. Subsequently, these drops undergo a secondary breakup process. 
Kelvin Helmholtz’s model of secondary breakup considers the rate of change of the droplet radius in the main (or parent) 
portion, and when the secondary breakup occurs, as given by Eq. (11). In this breakup model, the initial diameter is given 
by the Blob model.  

 
𝑑𝑑𝑟𝑟𝑓𝑓
𝑑𝑑𝑡𝑡 = −

𝑟𝑟𝑓𝑓 − 𝑟𝑟𝑐𝑐
τ𝐾𝐾𝐾𝐾

 (11) 

 
where, 𝑟𝑟𝑓𝑓 is the initial droplet radius, 𝑟𝑟𝑐𝑐  is the droplet radius resulting from the breakup and τ𝐾𝐾𝐾𝐾 is the breaktime.  
 

τ𝐾𝐾𝐾𝐾 =
3,726𝐵𝐵1𝑟𝑟𝑓𝑓
Λ𝐾𝐾𝐾𝐾Ω𝐾𝐾𝐾𝐾

 (12) 

 
where, 𝐵𝐵1 is the breakup time constant, Ω𝐾𝐾𝐾𝐾 is the maximum growth rate (or the most unstable wave) and Λ𝐾𝐾𝐾𝐾  is the 

wavelength. For diesel fuel simulation, 𝐵𝐵1 is recommended as 7 in Converge CFD and is also recommended as 10 by 
Reitz [38] and Kong et al. [20]. For large values of 𝐵𝐵1, the breakup time (τ𝐾𝐾𝐾𝐾) is greater, and therefore from Eq.(11), the 
new droplets that arise from the secondary breakup process are of larger radius than when small values of 𝐵𝐵1 are used, 
and consequently, the formation of small droplets is slower. Once the fuel is injected into the cylinder, it starts to evaporate 
as the heat transferred to the droplets increases the temperature of the cylinder and fuel vapour forms on the surface of 
the droplet [37]. 

The droplet evaporation model, using Frossling correlation, expresses the ratio of droplet radius change, due to 
evaporation, as in Eq. (13).  

 
𝑑𝑑𝑟𝑟
𝑑𝑑𝑡𝑡

= −
ρ𝑔𝑔𝐷𝐷
2ρ𝑓𝑓𝑟𝑟

𝐵𝐵𝑑𝑑𝑆𝑆ℎ𝑑𝑑 (13) 

 
where, D is the mass diffusivity, 𝐵𝐵𝑑𝑑  is the mass transfer number given by Eq.(14) and 𝑆𝑆ℎ𝑑𝑑 is the Sherwood number 

given by Eq (15).  
 

𝐵𝐵𝑑𝑑 =
𝑌𝑌1∗ − 𝑌𝑌1
1 − 𝑌𝑌1∗

 (14) 

  

𝑆𝑆ℎ𝑑𝑑 = �2 + 0,6𝑅𝑅𝑒𝑒𝑑𝑑
1/2𝑆𝑆𝑐𝑐1/3�

𝑙𝑙𝑙𝑙(1 + 𝐵𝐵𝑑𝑑)
𝐵𝐵𝑑𝑑

 (15) 

 
where, 𝑌𝑌1∗ is the mass fraction of the vapour on the surface of the droplet, 𝑌𝑌1 is the mass fraction of the vapour, 𝑅𝑅𝑒𝑒𝑑𝑑 is 

Reynold´s number of the droplet, Sc is the Schmidt number. To calculate the temperature of the droplet, the droplet 
evaporation model Eq. (16) is used, which defines that the energy delivered to the droplet can be used to heat it or to 
evaporate it.  

 

𝐴𝐴𝑑𝑑𝑄𝑄𝑑𝑑 = 𝑐𝑐𝑓𝑓𝑚𝑚𝑑𝑑
𝑑𝑑𝑇𝑇𝑑𝑑
𝑑𝑑𝑡𝑡 −

𝑑𝑑𝑚𝑚𝑑𝑑

𝑑𝑑𝑡𝑡 𝐻𝐻𝑣𝑣𝑐𝑐𝑣𝑣 (16) 

 
where, 𝑄𝑄𝑑𝑑 is the heat flow by conduction on the surface of the droplet per unit area, 𝑐𝑐𝑓𝑓 is the specific heat of the liquid, 

𝑇𝑇𝑑𝑑 is the temperature of the droplet, 𝑚𝑚𝑑𝑑 is the mass of the droplet, 𝐻𝐻𝑣𝑣𝑐𝑐𝑣𝑣 is the latent heat of vaporisation, 𝐴𝐴𝑑𝑑 is the middle 
area of the droplet. 
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Turbulent Combustion 
Combustion in a diesel engine is described by ignition delay, premixed combustion, non-premixed combustion 

(mixing-controlled combustion), and final combustion. Flame lift-off means that the combustion reaction is confined to 
a small area of thickness compared to the combustion chamber. Premixed combustion requires that the fuel and the 
oxidant have been mixed before combustion begins. In non-premixed combustion, the diffusion rate controls the process 
since the time required for convection and diffusion is greater than the time required for combustion reactions. 

EXPERIMENTAL APPROACH 
The experimental setup is shown in Figure 1(a), composed of a single-cylinder diesel engine tested at 1800 rpm, 

coupled to an electromagnetic dynamometer (Schenk, model W70). The main characteristics of the engine are given in 
Table 1. A piezoelectric pressure sensor (Kistler, model 6041A) was installed in the cylinder head, and its signal was 
synchronised with the incremental encoder to determine the in-cylinder pressure for each crank angle. The fuel 
consumption was measured using an electronic balance (Marte, model AD5000) with serial port communication. The 
instant reading of the data allowed the calculation of the fuel flow. The engine torque was measured with an extensometer 
type load cell installed on the dynamometer arm. The air admitted mass was measured with the hot-film air-mass meter 
(Bosch, model HFM 2). 

 

 
    (a)                (b) 

Figure 1. (a) Setup of the experimental bench, and (b) three-dimensional geometry used in the simulation. 

Table 1. Technical specifications of the diesel engine. 
Item Specification 
Mark Yanmar, model YT22E 
Type Diesel, 4 strokes, 1 cylinder 
Injection system Direct 
Cylinder diameter 115 mm 
Cylinder capacity 1194 cm3 

Compression ratio 17.3 
Nominal power 14.7 kW/2200 RPM 
Specific fuel consumption at nominal power 238 g/kW-h 

 
The temperature-dependent thermophysical properties for the diesel fuel (commercial Brazilian diesel), were obtained 

from experimental measurements for density, dynamic viscosity and surface tension from a temperature range of 25 to 
85°C and, existing data in the Converge CFD software, for thermal conductivity, vapour pressure, heat of vapourisation 
and specific heat. The in-cylinder pressure experimental data were utilised to validate results found through the numerical 
simulation of combustion. Also, this data was employed to calculate the in-cylinder temperature from a zero-dimensional 
thermodynamic model. 

NUMERICAL APPROACH 
The simulation of the intake and compression strokes and the spray combustion was carried out for a 4-stroke single-

cylinder diesel engine, direct injection with compression ratio 17.3. The three-dimensional geometry of the engine is 
shown in Figure 1(b). For the intake and exhaust valve, the opening of each was obtained as a function of the crank angle. 
For the numerical solution of the equations governing the turbulent flow, structured real-time mesh generation was applied 
based on parameters given by the user. A fully implicit formulation was used in the time interpolation function. The 
pressure-velocity coupling used the PISO (Pressure Implicit with Splitting of Operators) algorithm [39], while the 
pressure solution used the multigrid method. To represent within the turbulent boundary layer the distributions of speed, 
temperature, energy etc., the Law of the Wall was used.  

In the fuel spray simulation, the Blob model for a primary breakup and the Kelvin-Helmholtz and Rayleigh-Taylor 
(KH-RT) model for the secondary breakup (Eq.(11)) were applied, including the formation of new droplets without 
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breakup length [25], [27], [29], [40], [41]. For droplet collision, the No Time Counter (NTC) model and a dynamic droplet 
drag model were applied, including a dynamic discharge coefficient and the interaction of the droplets with the wall. To 
model the droplet size change due to evaporation, the Frossling correlation in Eq.(13) and the Rantz-Marshall model for 
heat transfer in droplet evaporation in Eq.(16) were used. In order to observe the influence of the breakup time τ𝐾𝐾𝐾𝐾, on 
the variables of spray and fuel combustion, parameter 𝐵𝐵1 was modified in the simulation using values of 𝐵𝐵1 = 7, 𝐵𝐵1 = 50 
and 𝐵𝐵1 = 100. In these three cases, the data for the standard simulation for diesel fuel corresponds to the simulation where 
𝐵𝐵1 = 7 is used. 

The fuel injector has five nozzles of 0.3 mm diameter each. For the combustion simulation, the thermophysical 
properties of liquid fuel (mentioned in the experimental approach section), and the kinetic mechanism of n-dodecane 
(𝐶𝐶12𝐻𝐻26), with 106 species and 420 reactions (developed by Lawrence Livermore National Laboratory) were used. For 
NOx emissions, the extended mechanism of Zeldovich was used, and for soot formation, the Hiroyasu model coupled 
with the Nagle and Strickland-Constable-NSC model, was applied to simulate oxidation [42]. 

The mesh size independence on the numerical response of the flow field was verified to define the appropriate mesh 
size for the simulation of the intake and compression strokes. For this purpose, 6 mm, 4 mm and 3 mm base size meshes 
were used. Figure 2 shows the maximum in-cylinder pressure as a function of the crank angle for the engine simulation 
at 1800 rpm with three base mesh sizes tested. For the 6 mm mesh size, one observes a significant difference (9%) if 
compared to the values obtained using the 4 mm and 3 mm mesh sizes. The pressure line trend is maintained with the 4 
mm mesh size, and its values are almost equal to that presented with the 3 mm mesh size.  

 

 
 

Figure 2. In-cylinder maximum pressure as a function of the crank angle for three mesh sizes. 

A 4.0 mm base mesh was used for all axes. Using Adaptive Mesh Refinement (AMR) based on speed and temperature 
throughout the geometry, refining the mesh to 1.0 mm in regions of maximum speed and temperature gradient. A fixed 
embedding mesh refinement was performed on the inlet, exhaust and spray valves to a size of 0.5 mm. For each of the 
solid boundaries that form the system, the temperature was obtained from the heat transfer simulation in the engine, made 
in Converge CFD, with the conjugate head transfer model, for 25 engine cycles, [43]. The obtained values are listed in 
Table 2.  

Table 2. Boundaries temperature. 
Wall Temperature (K) 
Cylinder 455 
Piston 445 
Cylinder head 450 
Intake 303 
Exhaust 800 

 
For the airflow inlet to the engine, experimental data of pressure measured as a function of crank angle and chemical 

species of the air were used. For the engine flow outlet, the conditions of temperature and chemical species (obtained 
experimentally according to [30]) were applied in addition to the atmospheric pressure. The engine geometry was divided 
into three regions: the cylinder, the intake duct and the exhaust duct. For the in-cylinder gases at the initial state, the 
pressure was measured experimentally in the engine, the temperature was obtained theoretically and the species were 
measured experimentally in the exhaust duct according to [30]. For the intake and exhaust ducts, the initial conditions 
applied for the pressure, temperature and species applied are shown in Table 3. The simulation was carried out at two 
stages, as follows:  

i. The first stage simulates the intake and compression strokes, starting at -640° crank angle (before the exhaust) 
to advance the intake and compression stroke, ending at -20° crank angle, where the numerical solution of all 
variables (pressure, temperature, speed, chemical species and turbulent kinetic energy), was obtained. 

ii. The second stage of fuel spray and combustion simulation started at -20°, using the values of the variables 
recorded at the end of the first stage and ending at 90°. The injection start angle (-15°) was determined using 
experimental pressure data, according to the methodology described by Tadros et al. [44], obtaining an injection 
period of 30°. The mass of injected fuel was experimentally determined, obtaining a value of 68.09 mg. 
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Table 3. Initial conditions. 
Region Pressure (kPa) Temperature (K) Species 
Cylinder 921.9 1724 Experimental 
Intake duct Atm 360 Air species 
Exhust duct Atm 1100 Experimental 

RESULTS AND DISCUSSION 
The main phenomena and parameters present in the flow inside the motor were analysed, such as volumetric 

efficiency, discharge coefficient, flow structure, pressure field, temperature, and speed. The variables analysed for the 
fuel spray were average Sauter diameter, temperature, pressure, heat release rate and species formed in fuel evaporation 
and combustion. The values of the variables correspond to their averages in the different regions of the engine geometry. 

Discharge Coefficient at the Intake and Volumetric Efficiency  
Figure 3 shows the numerical result obtained for the behaviour of the instantaneous discharge coefficient 𝐶𝐶𝐷𝐷𝑖𝑖, as a 

function of the crank angle. The total discharge coefficient (𝐶𝐶𝐷𝐷) was 0.51. By comparing air mass flow into the cylinder, 
calculated isentropically and numerically, it was found that in the middle of the admission stroke, the maximum isentropic 
mass flow was 0.28 kg/s, and the maximum numerical mass flow was 0.12 kg/s.  

 

 
Figure 3. Instantaneous discharge coefficient as a function of the crank angle. 

At the beginning of the intake, there is an output of combustion products to the intake line due to valves overlapping 
[10]. Furthermore, in the results of the simulation inside the cylinder, a maximum gas mass of 1.128E-3 kg was obtained, 
when the piston was at the end of the admission stroke. Then, since the intake valve was not yet closed, a mass return 
from the cylinder to the intake manifold of 3.737E-5 kg was obtained, leaving finally 1.091E-3 kg in the cylinder. This 
represents 3.4% of mass returns to the intake manifold before the intake valve closes. In theory, the mass of air enters 
engine cylinder is equal to the product between the density of the air and the volume displaced by the piston, at the 
conditions of temperature and atmospheric pressure of the place. Under real operating conditions, this does not happen 
because of the short time in each cycle, the restrictions in the intake pipe and the presence of the valves. Therefore, less 
air mass enters the cylinder than the ideal amount. The volumetric efficiency of the engine obtained was η𝑣𝑣 = 78.1%. This 
value is similar to that obtained by Subramanian et al. [14]. 

Figure 4 shows the speed vectors obtained in the simulation, for a valve lift of 3.0 mm, at the beginning of the intake. 
Here, it is observed that the gas in its passage through the valve has speeds near 140 m/s, so a conical ring jet is formed, 
and the flow reaches high Reynolds numbers, allowing the jet to reach the piston head and cylinder walls; forming vortices 
due to the interaction with these surfaces [16]. Furthermore, inside the cylinder, the mass movement is rotational, 
generated mainly by the intake geometry, the valve and the piston geometry. On the intake stroke, vortices are formed in 
the centre of the cylinder because the intake valve is not centred in the cylinder, and smaller vortices are also generated 
as a result of the larger vortex.  

 

 
Figure 4. Air speed at the intake and inside the cylinder. 
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When the intake valve closes, pressure waves in the intake duct remain with oscillating effects of negative pressures 
(below atmospheric pressure) or positive pressures (above atmospheric pressure) for the next intake process. The 
amplitudes of the pressure oscillations depend on the length of the intake duct, with the amplitude at the points farthest 
from the valve (Intake duct inlet) being smaller and the amplitude at the point closest to the valve (Intake valve) greater, 
as shown in Figure 5.  

 

 
Figure 5. Pressure fluctuations in the engine intake duct as a function of crank angle. 

Swirl and Tumble Ratio 
The numerical results showed that at the beginning of the intake (-360°), the swirl ratio (𝑅𝑅𝑠𝑠) has negative values, and 

then its value increases in the second half of the intake, decreasing slightly during the beginning of the compression due 
to the effects of viscous drag with the cylinder walls and the piston. Its maximum value was obtained at the end of 
compression, as can be seen in Figure 6. These results are similar to those obtained by [14], [19], where these maximum 
values occur in compression due to the shape of piston head. According to Figure 6, the tumble ratio in x (𝑅𝑅𝑡𝑡𝑡𝑡) increases 
rapidly at the beginning of the intake and then decreases. In the middle of the intake stroke, the flow generated by the 
valve at the intake forms opposite rotating vortices at different points in the cylinder, as shown in Figure 4. The tumble 
ratio in y (𝑅𝑅𝑡𝑡𝑡𝑡) shown in Figure 6 increases rapidly at the beginning of the intake and then decreases, remaining constant 
until the first half of the compression stroke.  

 

 
Figure 6. Swirl and tumble ratio as a function of crank angle. 

Figure 7(a) shows the velocity vectors for a negative swirl ratio (-0.4), at the beginning of the intake at a crank angle 
of -320°, while Figure 7(b) shows the end of the compression stroke for a crank angle of -20°, where the swirl ratio is 
positive (1.9). This behaviour is consistent with that shown by Heywood [8]. Therefore, in the direct injection engine, the 
swirl is used to obtain a fast fuel-air mixture because, when the piston in the compression is close to TDC, the swirl 
increases, improving the air intake to the combustion chamber. In the compression stroke, near the TDC (-20°), for the yz 
plane in the combustion chamber, two opposite vortices are formed, which coincides with the modelling done by Payri et 
al. [19] and with that described by Heywood [8].  

Turbulent Kinetic Energy and Dissipation of Turbulent Kinetic Energy  
The turbulent kinetic energy within the cylinder is low at the beginning of the intake and reaches a maximum value 

at a crank angle of approximately -270°, as can be seen in Figure 8(a). After this point, it decreases, returning to values 
close to zero at the end of the compression. The formation and destruction of k is related to the rate of dissipation of 
turbulent kinetic energy (ϵ). In Figure 8(a) and 8(b), it can be seen that k values are high when ϵ is also high. The value 
of ϵ depends on the turbulent length scale, which, as it increases, makes 𝜖𝜖 decrease rapidly. The turbulent length scale 
has a large increase in intake at the stage of greatest cylinder filling and where the swirl has the greatest increase. The 
greatest fluctuations in cylinder speed occur where the highest k is obtained, in this case, at the mid-point of the admission 
stroke, which coincides with the results obtained by [19].  
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(a)      (b) 

Figure 7. Speed vectors in the cylinder around z-axis at the (a) beginning of intake and (b) end of compression. 

 
(a)      (b) 

Figure 8. (a) Turbulent kinetic energy (TKE) as a function of crank angle, and (b) dissipation of turbulent kinetic 
energy (ESP) as a function of crank angle. 

In-Cylinder Pressure and Temperature 
The numerical model was validated by comparing the experimental and numerical in-cylinder pressure, considering 

diesel fuel. The comparison of the in-cylinder temperature calculated with a zero-dimensional model and numerically is 
also made. In the combustion simulation, for three break times τ𝐾𝐾𝐾𝐾 in the KH-RT model, the factor 𝐵𝐵1 is modified using 
values of 𝐵𝐵1 = 7, 𝐵𝐵1 = 50 and 𝐵𝐵1 = 100. The pressure behaviour inside the cylinder for each of the values of 𝐵𝐵1 can be 
seen in Figure 9. Furthermore, it can be seen that pressure reaches a maximum value at TDC, and the experimental 
pressure in the engine has a higher value than the numerical pressure for the three values of 𝐵𝐵1. The experimental pressure 
and the numerical pressure with 𝐵𝐵1 = 7 have the closest values, and between them, the maximum difference is presented 
at a crank angle of 6.5°, with a value of 10%. After -4.4°, the trend of all pressure lines, including the experimental one, 
changes and it is evident that the pressure decreases when the value of 𝐵𝐵1 increases. The above is a consequence of the 
breakup time since large values decrease the combustion. The concordance between the experimental and numerical data 
indicates that the numerical method and the models used in this work are adequate to perform subsequent representative 
combustion analyses with values of 𝐵𝐵1 = 7.  

 

 
 

Figure 9. Pressure in the cylinder for three values of 𝑩𝑩𝟏𝟏, as a function of crank angle. 

Figure 10 shows the in-cylinder temperature variation, calculated with the 0-dimensional isentropic model (𝑇𝑇𝑖𝑖𝑠𝑠𝑖𝑖𝑐𝑐𝑡𝑡𝑐𝑐𝑓𝑓𝑣𝑣), 
and the numerical temperature, for the three values of 𝐵𝐵1. There, isentropic temperature and the numerical temperature 
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for 𝐵𝐵1 = 7 show approximately equal values after the start of combustion. The temperature varies from -9.0° for the 
different values of 𝐵𝐵1, where it is observed that it increases in the case of the two smaller values of 𝐵𝐵1, and for 𝐵𝐵1 = 100, 
the slope does not change. This change in the slope of the temperature lines occurs at approximately the same crank angle 
at which the pressure line slope change occurs.  

 

 
 

Figure 10. Temperature in the cylinder for three values of 𝑩𝑩𝟏𝟏, as a function of crank angle. 

With respect to this analysis, discrepancies may be the result of uncertainties in injection parameters, such as injection 
pressure, velocity and time. In general, the model was able to replicate the general trends of in-cylinder pressure and 
temperature as a function of the crank angle, showing agreement between the experimental and numerical data. 
Consequently, this model will be used as a baseline for subsequent simulations in which spray combustion will be 
considered and added to analyse the influence of the physical properties of liquid fuel in the engine for alternative fuels. 

Droplet Breakup and Evaporation 
Figure 11 shows the average Sauter diameter for each of the values of 𝐵𝐵1. There, it is observed that in the primary 

breakup, initial drops of 0.3 mm diameter are formed, and then the secondary breakup process starts where the KH-RT 
breakup mechanism acts. Furthermore, it is observed that the secondary breakup for each one of the cases starts in different 
crank angles, as in Table 3. Therefore, there are different regions in the breakup process. From the beginning of the 
secondary breakup, the diameter of the droplets decreases faster for values of 𝐵𝐵1 = 7, reaching a diameter value of 0.29 
mm at crank angles shown in Table 3. After the droplet reaches 0.29 mm diameter, the trend of all three cases is similar, 
but in the case of 𝐵𝐵1 = 7 the droplet reaches smaller diameters in less time. As the breakup time increases, the droplet 
diameter is larger throughout the simulation; therefore, the number of particles in the computational domain decreases, 
causing greater spray penetration by the particle impulse.  

Figure 12 describes the behaviour of the heat release rate (HR) in J/time, where it is observed that for high values of 
𝐵𝐵1 this rate decreases. For the simulation, it was considered that ignition occurs when the RH reaches a positive value, 
which is obtained from the crank angles shown in Table 3.  

 

 
 

Figure 11. Average Sauter diameter of the droplet for three values of 𝑩𝑩𝟏𝟏, as a function of the crank angle. 

Table 3. Droplet breakup analysis and ignition. 
𝐵𝐵1 Pressure (kPa) Temperature (K) Species 
7 -11.78° -11.00° -9.58° 
50 -11.38° -9.48° -8.58° 

100 -11.38° -8.48° -6.48° 
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Figure 12. Heat release rate for three values of 𝑩𝑩𝟏𝟏, as a function of crank angle. 

In the numerical simulation, fuel evaporation is identified when the mass of the chemical species dodecane (𝐶𝐶12𝐻𝐻26) 
is present. Figure 13 describes the presence of mass fraction of (𝐶𝐶12𝐻𝐻26) as a function of the crank angle, where it is 
evident that for 𝐵𝐵1 = 7 the evaporation increases rapidly at an angle of -10.6°, this being the highest mass presence. When 
comparing this result with the case of 𝐵𝐵1 = 100 (which is the lowest mass, evaporation is presented in -7.9°, which 
represents a delay of 2.7° in relation to the simulation with 𝐵𝐵1 = 7. Accordingly, the evaporation rate is influenced by 
constant 𝐵𝐵1. Furthermore, it is evident that after the first peak for the three values studied, the mass fraction decreases due 
to premixed combustion.  

 

 
 

Figure 13. Mass fraction of 𝑪𝑪𝟏𝟏𝟏𝟏𝑯𝑯𝟏𝟏𝟐𝟐 for three values of 𝑩𝑩𝟏𝟏, as a function of crank angle. 

To identify the beginning of combustion (with a parameter other than HR), the analysis of mass fraction behaviour of 
chemical species, which are formed in the first reactions of the kinetic mechanism when combustion occurs or on the 
ignition, was carried out. The results obtained are shown in Figure 14(a), where it is evident that the formation of the 
species OH is greater for low values of 𝐵𝐵1. Figure 14(b) shows that the formation of 𝐻𝐻𝑂𝑂2 is not much influenced by 
parameter 𝐵𝐵1, even if its formation is present at different points; -8.4° for 𝐵𝐵1 = 7, -8.0° for 𝐵𝐵1 = 50 and -7.0° for 𝐵𝐵1 =
100. Once this species is formed, for the values 𝐵𝐵1 = 50 and 𝐵𝐵1 = 100 as opposed to the value 𝐵𝐵1 = 7, it remains and 
does not react in premixed combustion. Figure 14(c) shows parameter 𝐵𝐵1 has a great influence on the species 𝐻𝐻2𝑂𝑂2, since 
for low values of 𝐵𝐵1, this species is generated, and then the mass fraction decreases, but for 𝐵𝐵1 = 100, the mass fraction 
of this species always increases, there being no decrease in it. This makes it possible to define that the formation of 𝐻𝐻2𝑂𝑂2, 
begins at the same point where the production of fuel vapour is generated for a value of 𝐵𝐵1 = 7, (-10.6°) (see Figure 13). 
Finally, Figure 14(d) shows the result obtained for the species CO, where it is evident that it is quite influenced in its 
formation by parameter 𝐵𝐵1 since when the value of this parameter increases, the formation of this species decreases. Its 
formation is rapid for 𝐵𝐵1 = 7, starting at -7.4°, at -7.0° for 𝐵𝐵1 = 50 and at -5.6° for 𝐵𝐵1 = 100. This makes it possible to 
define that the formation of CO starts at the same point where the production of fuel vapour is generated for a value of 
𝐵𝐵1 = 7 (-10.6°) (see Figure 13).  

 

 
(a)       (b) 
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(c)       (d) 

Figure 14. Mass fraction of chemical species for three values of 𝑩𝑩𝟏𝟏as a function of the crank angle (a) Mass fraction of 
OH, (b) Mass fraction of 𝐇𝐇𝐎𝐎𝟏𝟏, (c) Mass fraction of 𝐇𝐇𝟏𝟏𝐎𝐎𝟏𝟏, (d) Mass fraction of CO. 

CONCLUSION 
The data obtained in the simulation for the admission and compression strokes show that the fields in the flow within 

the cylinder fit the existing experimental data of pressure and the numerical data obtained by other authors, which provides 
a proper validation of the model developed in this work by its authors. The configuration of the piston of the simulated 
engine contributes to increasing the swirl at the end of the compression, which favours the formation of the fuel-air 
mixture. This increase in swirl is generated when the piston is close to the TDC on compression, as a result of the shape 
of the piston head. The validation of the model for these strokes in the engine ensures that the new phase of fuel spray 
and combustion simulation in the engine is also correct, as the results obtained in this work are important for the 
development of the spray and combustion that will be addressed in subsequent work. 

In the engine, when the piston approaches TDC during compression, the volume around the other axes of the 
combustion chamber is reduced to a minimum, and then the gas is forced to enter the combustion chamber radially, 
generating a tumble near the external axis of the piston crown, which is desirable to spread the combustion flame as 
quickly as possible. When the droplet breakup time is altered by means of parameter 𝐵𝐵1 of the KH breakup model, the 
fuel droplets, which are the result of the secondary break, will be of larger diameter for values greater than 𝐵𝐵1. After 
studying three values of the breakup time constant (B1), the results indicate that for a value of B1 = 7, the numerical 
method and the models used are adequate to analyse diesel spray combustion. It was shown that parameter 𝐵𝐵1 influences 
the formation of the spray, evaporation, ignition and combustion, since having higher values of 𝐵𝐵1 delays evaporation 
and similarly the formation of species, delaying ignition and the formation of the fuel-air mixture. 
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