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ABSTRACT - Friction loss is one of the main factors affecting engine power. Reducing friction QER;:S:;E I:;i?hTA&IZYZOZO

power losses to improve the power of engines is a significant concern for designers. Especially, Revised: 261" May 2021

under the background of energy-saving and emission reduction, it is indispensable to carry out an Accepted: 215t Aug 2021

in-depth investigation on engine bearing lubrication characteristics. Unlike the previous studies of

separate modelling, a new modelling method of coupling the dynamic and lubrication model is KEYWORDS

proposed in this paper. The bearing capacity, friction force, friction coefficient and eccentricity ratio Crankpin bearing;

were taken as the evaluation criterion, and the influence of design parameters such as angular Lubrication efficiency;

speed, bearing radius and width on the lubrication efficiency and friction power loss (LE-FPL) were Friction power loss;
Slider-crank-mechanism

studied. The results indicate that increasing the angular speed, bearing radius or width can
effectively reduce the eccentricity ratio and raise the minimum oil film thickness, which is beneficial
to improve the lubrication efficiency. However, the above methods to improve engine lubrication
efficiency will lead to more power loss of engine to a certain extent. Therefore, studies on reducing
the friction power loss for the engine and on improving the lubrication efficiency for the engine
should be considered coordinately in the dynamic design and optimisation of the engine.

INTRODUCTION

With the continuous improvement of people’s requirements for fuel economy and energy conservation and emission
reduction for the oil-fueled automotive, reducing friction power losses to enhance engine power has been a significant
concern for automotive designers. It turns out that the main reason for engine power loss is the friction between the piston
skirt and the piston ring on the cylinder bore during the motion[1-2]; and the friction of the relative moving surface pairs
of the joints of the slider-crank-mechanism (SCM) [3]. Over the last decades, the effect of design parameters of the SCM,
the piston’s inertial mass, and eccentricity between crankshaft centre and cylinder centre on the horizontal impact force
of the piston on the cylinder were investigated [4-6]. It found that the friction and noise vibration generated by the piston
skirt and ring against the cylinder bore substantially decreased with the optimised SCM’s structure. Furthermore, for
optimisation, the lubrication factors, including friction force and friction coefficient between relative moving surface pairs
of the piston-cylinder, had also been investigated [1-2, 6]. They found that when the thickness of oil film on the contact
surface remains stable, the friction power losses of the SCM substantially decreased. However, the oil film thickness is
affected not only by the speed and load of the SCM but also by its thermal and dynamic viscosity. Research on the
characteristics and optimisation of the heat transfer efficiency of the oil were also performed [7-9], and the neuro-network
method was then applied to predict the dynamic viscosity of the oil during the working period [10]. Therefore, the film
thickness of the oil could control.

Besides, to illustrate the stability of the oil film thickness of the friction surface pairs in an engine, especially the
crankpin bearing (CB), a CB’s lubrication model was built under different conditions of external load and speed of the
shaft; based on the evaluation indexes of the friction force and load-bearing capacity [11-13]. The results indicated that
the stability of oil film thickness strongly depended on the oil film pressure. In addition, the effects of some factors such
as the temperature [14], the radial clearance [15-16] and the load of the shaft [12-13, 17] on the oil film pressure were
also discussed. However, in the above researches, the CB’s lubrication efficiency is mainly evaluated under a condition
of static load at the high speed of the shaft. In actual conditions, the generated shear stress of the oil film thickness could
also influence the CB’s resistance under the change of the CB’s speeds, loads, and dimensions, respectively. Furthermore,
during a complete cycle of the engine, the dynamic load on CB varies with the angular velocity. Thus, it is necessary to
take the effects of the angular speeds and dimensions of the CB into account during the analysis of the lubrication
efficiency and friction power loss (LE-FPL) for the engine. However, the existing investigations on the LE-FPL for
engines considering the effect of the angular speeds and the dimensions of the CB together were rarely reported.

Given the above, this paper is focused on establishing a new hybrid, an SCM dynamics model and the CB lubrication
model, to further investigate the influence of angular speeds and dimensions of the CB on LE-FPL for engines by the
method of co-simulation. Based on the hybrid model of the SCM and CB, an algorithm program written in MATLAB
was performed to solve the hydrodynamic equations of the SCM and CB. The load-bearing capacity, friction coefficient,
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friction force, and eccentricity ratio between the shaft and bearing were selected as the objective functions. Then the effect
of the different angular speeds, bearing radii and widths of the CB on the LE-FPL were evaluated. The new contributions
of this study lie in the following aspects: (i) a new numerical method established by combining the SCM dynamic model
and the CB lubrication model to investigate the LE-FPL of engines has been proposed, (ii) the influence of the eccentricity
between the shaft and the bearing on vibration and lubrication stability has also been revealed and, (iii) both lubrication
efficiency and friction power loss of the engine under different angular speeds, loads, and dimensions of the CB have
been analysed.

HYBRID DYNAMICS AND LUBRICATION MODELLING
Dynamic Model of Slider-Crank-Mechanism

Figure 1 presents the SCM dynamic model and the symbols list in Table 1. According to the diagram, the motion
equation of the piston can be expressed as

z=1(1-cosd) +r(l—cose) (N

Assume A = r/l represents the ratio of rotation radius of the crankshaft to the length of connecting rod, so the kinematic
relation of SCM can be written as:

{cos §=+1—2%2sin2¢ ~ 1 —0.54%sin? ¢ 2)
sind = Asing

Combining Eq. (1) and (2), the motion equation of the piston can be deformed into:
A A
z=r(1+Z—cos¢>—ZcosZ¢) 3)
Then, the piston acceleration response can be calculated by:

3 dz?
T dt?

5

= w?r(cos ¢ + Acos 2 ¢p) 4)

where w = ¢ = d¢p/dt

N\

Crankpin bearing model

Figure 1. The model of (a) lubrication joint of crankpin bearing and (b) SCM dynamics
Table 1. The symbols of the S.C.M dynamics model

Nomenclature Nomenclature
/ connecting rod length/ m F;, inertial force of the small-rod-end/ N
r  rotation radius of the crankshaft/ m F. piston force impacting on the connecting rod/ N
P, combustion gas pressure/ kPa F, the total force of the piston/ N
rp  crankpin bearing radius/ m 6  connecting rod angle/ deg
® the angular speed of the crankshaft/ rad/s Fe1  radial force/ N
¢  the crankshaft angle/ deg Fo  tangent force/ N
B,, crankpin bearing width/ m F;. centrifugal inertial force of the large-rod-end/ N
W impact force on the crankpin bearing/ N F,, _ piston force impacting on the cylinder wall/ N
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It assumed that m; and m; are the lumped mass of the big- and small-rod-end of the connecting rod at o1 and o,, and
the piston mass represented by m,, so the inertial force of the small-rod-end and piston can be determined by m,. Thus,
the inertial force of the small-rod-end and piston can be determined by:

Fip = —(mp + mg)w?r(cos ¢ + Acos 2 ¢) %)

When the piston moves to its apex, the impact force P, produced by the cylinder wall and the connecting rod can be
written as:

F, = (Py+ Fyp)/coséd
Fy =P+ Fp)tanéd (6)

In addition, the two components of tangential and radial forces of impact of F. on the CB are given by

F. = F,cos(¢ +6)
{FC; = E.sin(p + 8) (7

Considering the effect of angular speed , the centrifugal inertial force of the big end of connecting rod can be written
as:

Fie = —myro? (3)

The primary function of connecting rod bearings is to provide rotary motion and transfer load, and the dynamic load
W of the connecting rod impacted on the bearing of the crankpin can be defined as:

w= /(FC1 + Fi)? + F2 )

Then the LE-FPL characteristics of the CB were studied with the change of ¥ in direction and strength.
Crankpin Bearing Lubrication Modelling
Hydrodynamics lubrication model

The structure model and lubrication model of CB are shown in Figure 2(a) and Figure 2(b), respectively. When the
engine is working, the crankpin is affected by the dynamic load # and rotates in the connecting rod bearing at an angular
speed w. Herein, the symbols in Figure 2 are listed in Table 2.

Application of the Reynolds equations

Assuming that the bearing surface is fixed in both x- and y-directions, and the shaft only moves with a constant speed

u in the x-direction, shown in Figure 2. Thus, the boundary conditions of the fluid on the CB surfaces in the x- and y-
directions are defined as:

Ui=0y = 0,0n  bearing surface 10

U(Zzhf) =u, on crankpin surface{ (10)

Also, assuming that the physical parameters of the lubricating oil, such as density and viscosity, are constant without
being influenced by other factors, and the influence of the flow inertia of the lubricating oil during the working process
can neglect. Hence, oil film pressure distribution can be determined by [13, 16]

(ap a oU
2209

x 0z\ 0z 11
v a( av) an
dy 0z "az

Combining Eq. (10) and Eq. (11), and marking the dynamic viscosity of oil film with 7, the fluid velocity equations
can be obtained through integral operation as shown below.

(U 16p(2 hoz) + z

=——(2°—hrz) +u—

! 2n 0x s hg (12)
_1adp , 5

L 213 (z Z)
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Bearing

Crankpin surface

Lubricant

Crankpin

Bearing surface are (A,)
(a) (b)
Figure 2. The CB hydrodynamics model.

Table 2. The symbols of the CB hydrodynamic model.

Nomenclature
Ap Bearing surface area/ m? P hydrodynamic pressure of the oil film/ Pa
a, b boundary lines of the initial and final pressures at u the relative velocity between the CB’s
the maximum Ay surfaces (1 = rpw)/ m/s
¢, d  boundary lines of the right and left pressures of the y eccentricity ratio between centre of bearing
bearing at y = 0 and B, and shaft (y= f/k,and 0 <y <1)
B, bearing width/ m K radial clearance of shaft and bearing (k= r,—
re)/ pm
rp bearing radius/ m w dynamic load of the CB/ N
e crankpin radius (7. < r5)/ m w angular velocity of the crankpin/ rad/s
B eccentricity centre of bearing and shaft/ m Ob, Oc¢ center of bearing and crankpin
a angular coordinate (0°< o < 360°)/ deg hy the oil film thickness of CB (A= x(1 + y
Cosa)/ um
0 attitude angle/ deg X, Y,z coordinate axes

Integrating Eq. (12) in the z-direction, we can obtain the volumetric flow in the x- and y- direction, marked as O, and
0,, respectively.

hy oo h

( r 0p f
= Udz = ———L 4L

Qx fo z 12ndx u 2

i ~ [var =72 "
0= |, V=i

Here, the fluid continuity condition is given in the form as:

a(pU) a(pV) 0(pw)]  Odp
[ 0x dy 0z E_O (14)

Where p is fluid density, U and V represent the fluid velocities in x- and y-directions determined by Equation (12),
and @ represents the fluid velocity in the z-direction.

Neglect of the small quantity @ and assume that p is constant. By integrating Eq. (13) in the z-direction, we have:

%(thUdz>+;—y<thde>+%<fohfdz>=0 (15)

Due to the oil film thickness 4= &(1 + y cosa) varying with the rotation angle ¢, thus, combining Eq. (13), Eq. (15)
can be rewritten as

9 (,0p\ 9 (,0p\ Ok Ohy
o (hf 6x> * 5y (hf 6y> = oG TG, (16)
Based on the object of this study, the dimensionless form of the Reynolds equation of Eq. (16) is modified as:

9, 9P\ 0, 0P\ OH _OH
2 9 (398, 9 (398 _ 4,92 el
X 6a<H aa>+ay<H ay) 2452 %7 a7

where y = By/ro, H= hix, @ = x/ro, ¥ = y/By, P = plpo, T = tlts, A= 6nwB.> @/ Kpo, Q = 121 B} topo, and po =
101325 (Pa) is the standard atmospheric pressure.
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To obtain the pressure distribution of the oil film, the boundary conditions need to be determined first. In this study,
we made the following assumptions: (i) the oil film thickness % exists over CB surface, and (ii) the inlet and outlet
lubricants are at the maximum position of % and (iii) the ambient pressure around of the CB, inlet and outlet pressures
equal the atmospheric pressure po. The computational region 4, of the CB is also plotted in Figure 2(b).

Herein, the boundary lines of a and b at the maximum position of /4, corresponding to & = 0° and & = 360° are defined
as the initial and final pressures of the model, and the boundary lines of ¢ and 4 at y = 0 and B,, are defined as the right
and left pressures of the bearing. Hence, the oil film boundary conditions are defined by

Py=0) = Py=8,) = 0
{ (r=0) ! (=Bw) (18)
P(a=0°) = P(a=360°)

Studies show that the oil film in the CB is usually divided into the liquid zone and cavitation zone, in which the oil
film often ruptures [13]. Therefore, the cavitation region is often challenging to calculate effectively due to the negative
pressure caused by gas dissolution and cavitation effects [18-19]. In this study, instead of ignoring negative pressures in
the cavitation zone, only pressures below the saturation pressure, p; is varied to reach the effective pressure p.[15]. Thus,
the oil film pressure in the cavitation zone can be then expressed by p. = p; if ps>p and p. =p if p; < p.

Lubrication Forces of the Mixed Hydrodynamics

The load-bearing capacity (LBC) of the oil film pressure can be given as:

/
W, = (—fffpsinae 0? (—ffA”pcosae 02>>1 2 (19)

Herein, the load-bearing capacity,”; equals the dynamic load W of the connecting rod impacted on the CB. In region
Ay, the friction force Frgenerated from the interfacial shear stress can be expressed as [20]:

I he ap
Fr = f f L2 20
4 Ap 2 axh1 29)
f
Once both unknowns of #; and F obtained, the coefficient of friction of the CB (COF) can be calculated by:

Fr
C.0.F =W (21)

Evaluation Index and Simulation Algorithm
Based on the MATLAB software, the system equations solution mainly includes the following steps.
Set the initial parameters

The initial parameters that need to be set include the dimension of the SCM and the CB, the combustion pressure on
the piston peak, the zero matrices of the oil film pressure and shear stress (n x m) and the zero matrices of force vectors
(1 x m). Then the dynamic load W and coefficients of Eq. (17) were calculated to obtain the initial pressure and shear
stress matrices. Herein, the number of grid nodes is n = m = 120.

Calculate the eccentricity ratio

Theoretically, the load W; equals dynamic load W. However, the two are often not equal in practice. Thus, the
computational algorithm cannot give the stopping condition for the computation process. In this study, a stop condition
of W — W; < v with a minimal value v was given. And when the stop condition is reached, the difference between W; and
W is tiny. The distribution of the oil film pressure and shear stress in the computational region and eccentricity ratio
between journal and bearing are acceptable, and the computational algorithm stopped at this point. On the contrary, the
computational algorithm continue until the stopping condition is satisfied.

Calculate the loops

The time taken for the engine to complete one cycle is #, which corresponds to the crankshaft rotation angle of 720°.
Here, t; is divided into 120 equal parts, and ¢ is each time node corresponding to the crankshaft rotation angle of # = 6°.
At each time ¢, the oil film pressure and shear stress were calculated, and then the computational algorithm continued for
the next loop at z =7+ ¢’ until > . The finish of the computational algorithm and the objective functions of the LE-FPL
were obtained. The calculation process can be schematised as in Figure 3.
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Compute both p and =
Reset through the models

Input parameters

Establish matrices
and vectors of models

| |
| |
| |
| |
| |
| |
| |
| | |
| |
| |
| |
| |
| |
| |
| |
| |

Compute forces of S.C.M
including Fcand W

}

Calculate the inital values of
Reynolds equations (x, A, ...)

Calculate the p, 7,

l W, F, C.O.F, y
- - ] - - |
The calculation model of S.C.M The calculation model of CB lubrication

Figure 3. Algorithm flowchart of the computational model.

RESULTS AND DISCUSSION

Table 3 shows the parameters used in the simulation. The pressure acting on the piston based on the experimental data
in reference [17] was applied to calculate the dynamic load W under various crankshaft speeds shown in Figure 4(a).
Figure 4(b) sets out the results of the .

Table 3. Parameters of the SCM and the CB

Parameter Value Parameter Value Parameter Value
mp (kg) 0.264 [ (m) 0.1295 rp (m) 0.025
ms (kg) 0.095 r (m) 0.040 K (um) 10
my (kg) 0.250 By, (m) 0.020 1 (Pas) 0.02
= 8 Intake Qompressior? Combusti(?n Exhaust 251 25 — 1000 rpm
s o 7 : 200 200 /7N ——2000 rpm
E 6 — 1000 rpm = e 'I:’\ — = =4000 rpm
? 505 L ——2000 rpm -i‘; 15¢ LY *+++6000 rpm
g ¢ AN 4 = =4000 rpm ) . -
g L s N *=+=6000 rpm 2
2 60 410 :
=
o 0 i I o . , S =
0 180 360 540 720 0 180 360 540 720
Crankpin angle (°) Crankpin angle (°)
(a) (b)

Figure 4. The impact forces on the CB of (a) combustion gas pressure of experimental data and (b) impacting forces of
W on the CB under various angular speeds.

Figure 4(b) shows, in the case of different crankshaft speeds and rotation angles, the impact load continuously varies.
At the crankshaft rotation angle from 360° to 410° corresponding to the combustion stroke of the engine, the maximum
and minimum magnitude of W is obtained at 2000 rpm and 6000 rpm, respectively. Still, conversely, outside of the
rotation angle of 360° to 410°, the maximum W is obtained at 6000 rpm. This is because of the effect of the centrifugal
inertial force of the big-rod-end and the angular speed of the crankshaft in Eq. (8). Thus, the LE-FPL of the CB can be
affected by the operation parameters of the CB. To clarify this issue, the influence of the crankshaft speed, bearing radius
and width of the CB was investigated in the following subsections.

Influence of Angular Speed

The relative speed of the shaft and bearing is given as u = arp. Thus, different angular speeds @ and the corresponding
dynamic load W in Figure 4(b) are applied to study the effects on the LE-FPL of the CB. Figure 5 presents the distributions
of the oil film pressure and shear stress on the CB surfaces under a dynamic load W at 2000 rpm. The results show that
the oil film pressure is mainly distributed in a range of 90° to 180° of the circumferential coordinate with the bearing
width, and its maximum magnitude is 88.8 MPa at 158° and B,, = 0.01 m of the bearing width. Besides, the shear stress
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is usually evenly distributed along the bearing width. However, in the circumferential coordinate, it varies greatly and
reaches the maximum magnitude at 178°.

Z
100 (MPa) ~ o (kN/m 7))
~N
80 80 60
_ 60
@©
g o0 60 £ 40
2 2 40
g 40 P
2 2 g o
3 9 20 2 0 20
E 3
= 0 0 s
= 10 360
180 270
B ( B (mm) 20 T, 90
C|rcumferent|al corrdinate ( Circumferential corrdinate ( o)
(a) (b)
Figure 5. The results of (a) pressure distribution and (b) shear stress distribution on the CB surface at an angular speed
0f 2000 rpm.

Figure 6 presents the oil film pressure and shear stress distributions at B,, = 0.01 m of the bearing width with various
angular speeds. Figure 6(a) shows that the oil film pressure strongly depends on both dynamic load W and angular speed
®. The maximum pressures obtained at 2000 rpm and 6000 rpm are 88.8 MPa and 43.54 Mpa, corresponding to the
dynamic load W, as shown in Figure 4(b). Thus, the maximum pressure at 2000 rpm is greatly increased by 50.96 %
compared to the maximum pressure at 6000 rpm. In addition, the oil film shear stress mainly depends on the angular
speed w and the value of shear stress increases with the increase of angular speed and vice versa. In addition, the shear
stress mainly depends on and is consistent with the trend of the angular speed.

The CB’s load-bearing capacity W; and friction force Fy are then calculated on the basis of Figure 6 and plotted in
Figures 7(a) and 7(b). It is found that the maximum #; obtained at 2000 rpm and 6000 rpm is 24.84 kN and 16.87 kN,
and the maximum #; at 2000 rpm is also significantly increased by 32.08 % in comparison with the maximum #; at 6000
rpm. This result is because of increasing of the maximum oil film pressure in Figure 6(a). Besides, the ¥, are similar to
the Win Figure 4(b) under different angular speeds. This is due to the oil film pressure varied to satisfy the condition of
Wi equilibrium with /. Observing Figure 7(b), we also find that the friction force increases sharply with the increase of
the angular speed @. The maximum Fyobtained at 2000 rpm and 6000 rpm are 46.38 N and 113.20 N, and the maximum
Fyat 2000 rpm is smaller than that of 6000 rpm by 59.03 %. Additionally, the friction force reaches its maximum at a
high angular speed of 6000 rpm, and this means the friction force acting on the CB is the greatest at this point. This is
because of the increase of the relative velocity, which leads to an increase in the shear stress and frictional resistance of
the oil film.

r 120¢
A100 —-+1000 rpm AR —+-1000 rpm
g 2000 ~_100] R 2000 rpm
= % el £ <77 N\ = =4000 rpm
g = =4000 rpm Z anl S 7 N p
o /,'\‘. vees x 80 d \ e, - -+-6000 rpm
5 60¢ Gy 6000 rpm P R, \
2 [V g 60} R N
) 4., = Ry \ .
= 40' lo . \‘ - - -
[o% sl . ) 2 40} R4 \ e,
E /,I. ‘\ S b e EEREN S
= 20r }/ -“ _c 200 -~ ,,/ .\. \\ﬁ_..
5 2 . <

0 = '\ O._ ——rT ) S e~T= = )
0 90 180 270 360 0 90 180 270 360
Circumferential coordinate (°) Circumferential coordinate (°)
(a) (b)

Figure 6. (a) Pressure distribution and (b) shear stress distribution at B,, = 0.01 m of the bearing width under different
angular speeds.

As shown in Figure 7(c), the friction coefficient changes with the variation of /#; and Frand decreases with increasing
angular speed @. The analysis shows that in the combustion stroke of the engine (that is, the crankpin angle is in 360° ~
410°), the maximum dynamic load W affects not only the lubrication efficiency of CB, but also the engine power.
Especially the dynamic load W reaches the maximum when the speed is maintained at 2000 rpm, while the friction force
Frand COF are relatively small. This is consistent with actual engineering experience [1, 5].

In Figure 7(d), the influence of eccentricity ratio y on CB stability at different angular speeds is also studied. The
results indicate that increasing angular speed can reduce the eccentricity ratio and vice versa. The eccentricity ratio reaches
its maximum at a low speed of 1000 rpm and its minimum is at a high speed of 6000 rpm. Therefore, the eccentricity
ratio also affects the lubrication efficiency and stability of the journal. Especially when the rotation speed is at 6000 rpm,
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the eccentricity ratio changes less, indicating the lubrication capacity and rotation of the journal are more stable at this
time.

25 25 120

g —--1000 rpm y 6000 rpm
::‘>: 20' 20 ,’\ _2000 rpm A100» T E L R R elet
g AN = =4000 rpm =

§ 150 18 1 \,\ +=++=6000 rpm 8 8oy s~ _ _ _ 4000 rpm

o S b s = ———— - —_——— -

2 “é 60

3 E 400 2000 rpm
‘g 20h i Rk T— 1000 rpm

00 180 360 540 720 0 1 éO 360 540 7é0
Crankpin angle (°) Crankpin angle (°)
(a) (b)
A_0.15» — .-1000 rpm 0.8r = ++1000 rpm
z T ——2000rpm | = A ——2000 rpm
_%0 10'! — —4000 rpm ' ; 0.6r / ‘ = =3000 rpm
20 1 ++++6000 rpm , IS . *=++4000 rpm
IS 2z
g
G 0.05 g
£ o}
00 180 360 540 720 00 180 360 540 720
Crankpin angle (°) Crankpin angle (°)
(© (d)

Figure 7. Influence of angular speeds on the LE-FPL with (a) CB’s load-bearing capacity, (b) friction force, (c) friction
coefficient, and (d) eccentricity ratio between journal and bearing.

Influence of Bearing Radius

In this part, the influence of bearing radius and width on LE-FPL under the maximum dynamic load W of the engine
at 2000 speed was studied. Figure 8(a) and 8(b) respectively present the distribution of the oil film pressure and shear
stress at B,, = 0.01 m of the bearing width with bearing radius of r, ={0.015, 0.020, 0.025, 0.030, 0.035} m. It included
that the oil film pressure decreases and the shear stress increase when the bearing radius gradually increases from 0.015
m to 0.035 m. Additionally, the #; and Fywith different bearing radius are shown in Figure 9(a) and 9(b), respectively. It
observed that the change of radius almost no influence on the load force #; in comparison with the dynamic load Wunder
the condition of W; equilibrium with ¥ as illustrated in Figure 9(a). The reason for this result is that the calculation area
increases due to the rise in bearing radius leading decrease of oil film pressure shown in Figure 8(a) to stabilise the load
W; and vice versa. This also verifies the accuracy of the mathematical model and algorithm program.

= o ~--0.015m 5y
o R —=0.020m e
=3 100l 7AY! ——0.025 m S 60f
2 A ++++0.030 m <
: fh.._‘\-‘ ~--0.035 m 8 40
Q. 5ot :/-\'_‘i »
i‘_E . . 3 § 20'
= &
5 =

0 : ‘ 0

0 90 180 270 360 0

Circumferential coordinate (°) Circumferential coordinate (°)
(a) (b)

Figure 8. The results of (a) pressure distribution and (b) shear stress distribution at B,, = 0.01 m of the bearing width
with different bearing radius.

As indicated in Figure 9(b), the amplitudes of friction force Frtend to increase with the increase of the bearing radius
rp. It is attributed to the rise of the relative speed of oil film (# = @rp) and the calculation area 4, affecting the oil film
shear stress and friction resistance. Because the load I7; is not varied with the different bearing radius, the COF will
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increase due to the increase of the CB’s friction force, as shown in Figure 9(c). Moreover, seen from Figure 9(d), bearing
radius has little effect on eccentricity ratio, and the gap of the CB shows a pronounced tendency to decrease with the
radius increases.

__ 307 25
z —-:0.015m 80 R
> 250 o4 - —0.020 m _ s NL._. 0035m
S ~— ——0.025m £ T . Trmee
S 20} 60| o
g 23 -++-0.030 m 8 S e 0.030 m
o 15 2 f— .0035 m e --------------------------
c c
£ 40/ /\_
S 10} 575 400 S 0.025 m
3 2 AN 0.020 m
. Lt - 4 S ——— -~ )
T 5 207 =TT T T R 015 1m
S L it 20 S em 2. 0,015 m
% 180 360 540 720 0 180 360 540 720
Crankpin angle (°) Crankpin angle (°)
(a) (b)
0.2
—~ —::0.015m _
s | —-=0.020m - <
2 [N ——0.025m i °
% l,!‘ +++:0.030m .1 ‘g
2 i3 &)
kS : i
XS, &
= Q
% 180 360 540 720 % 180 360 540 720
Crankpin angle (°) Crankpin angle (°)
() (d)

Figure 9. Influence of the bearing radius on the LE-FPL with (a) CB’s load-bearing capacity, (b) friction force, (c)
friction coefficient, and (d) eccentricity ratio between journal and bearing.

Influence of Bearing Width

The influence of the bearing width B,, = {0.010, 0.015, 0.020, 0.025, 0.030} m on the LE-FPL with the same W at
2000 rpm is demonstrated in Figure 10. As Figure 10(a) shows, the load W; generated from the oil film pressure does not
change significantly in comparison with # when the bearing width gradually increases from 10 mm to 30 mm. This is
because the oil film pressure changes to stabilise the load ;. In addition, £ and COF are going to increase, as seen in
Figure 10(b) and 10(c), which will directly cause greater friction power loss. However, in Figure 10(d), the width variation
has little effect on the eccentric ratio between the journal and bearing.
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Figure 10. Influence of the bearing widths on the LE-FPL with (a) CB’s load-bearing capacity, (b) friction force, (c)

friction coefficient, and (d) eccentricity ratio between journal and bearing.

CONCLUSION

In this study, a new numerical approach combined with the SCM dynamics model and the CB lubrication model was
proposed to study the LE-FPL of engines, and the results are as follows.

1.

ii.

iii.

Increasing the angular speed of the engine can not only effectively reduce the eccentricity ratio of the CB but
also increase the minimum oil film thickness of the CB, which will directly enhance the CB’s lubrication
efficiency. However, the friction force will also increase, especially the friction force increases by 59.03 % at
6000 rpm compared with that of 2000 rpm, which increases the friction power loss of engines. The research
result shows that the LE-FPL of engines could be better improved at an angular speed of 2000 rpm.

Increasing radius or width for the CB could help reduce the eccentricity ratio y; thus improving the lubrication
efficiency. Additionally, the CB’s dimensional change has a great influence on the friction force and friction
coefficient, thereby increasing the friction power loss of engines.

Improving the friction properties and reducing the friction power loss are two conflicting issues. On the one
hand, this study enriches the knowledge system of the LE-FPL of engines. On the other hand, it also provides an
essential reference for the optimisation design parameters of the SCM.
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